For the actuation of flexure-based precision systems direct drive actuators are used to allow for precise manipulation. For this purpose, often iron-less direct drive actuators are used which do not suffer from parasitic magnetic forces. In contrast, actuators with iron core can provide a higher power density, but require high off-axis stiffness normally too demanding for flexure-based mechanisms, especially when combined with a large range of motion. In this paper, a flexure-based suspension for an iron core direct drive torque motor with a range of motion of 60 degrees and a maximum output torque of 55 Nm is presented. The system provides the required high off-axis stiffness (more than 1000 N/mm) and is able to withstand the high pull-in forces caused by the iron core over the full range of motion. Furthermore, the design is made robust by limiting the deflections in the support directions, effectively rerouting excess forces from the flexures into the frame parts. Experimental validations confirm the high support stiffness and show that the system is able to withstand high actuation and reaction forces. Due to the friction-free mechanical design, only the current noise from the motor driver limits the stand-still performance and the repeatability of the system, resulting in a RMS positioning error of 1.1 μrad for an inertia of 0.066 kgm 2 . (M. Naves).
Introduction
Hexapod robots are used for manipulation in up to six independent degrees of freedom [1] . Conventional systems consisting of traditional (rolling) bearings typically allow for a position accuracy down to a micrometer [2] [3] [4] . However, for precision applications such as optical alignment and micro assembly systems an accuracy well below one micrometer is required [5] [6] [7] . This can be achieved by eliminating all sources of play and friction in the joints to improve the determinism of the system [8] [9] [10] [11] , which in turn can be obtained by replacing the traditional bearings by flexure-based equivalents [12] [13] [14] [15] .
To maintain these deterministic properties in actuated robotic systems, the actuators of flexure-based precision systems should also be free of play and friction [16] . To this end, direct drive actuators can be used since they lack tribological contacts. Common Lorentz-type actuators such as voice coil [17] , linear iron-less [18] or rotary ironless (torque) motors [19] rely on a permanent magnetic field and coil windings (without iron core) to provide actuation forces. Due to the absence of the iron core, high parasitic magnetic forces are avoided [20] . However, the absence of the iron core also results in a reduced strength of the magnetic field and reduced thermal dissipation, which limit the maximum actuation force. In this paper, a flexure-based actuator suspension with 60 degrees range of motion for an iron core actuator is presented. It is designed to meet the requirements for a fully flexure-based large range of motion high precision hexapod, for which high actuation torque is needed. First, in Section 2, a brief description of the hexapod is provided to derive the requirements for the actuator and the flexure-based bearing construction. Next, in Section 3, the parasitic motion of three flexurebased cross-hinge candidate designs are compared and analyzed for the considered application. Furthermore, the individual designs of the cross hinges are numerically optimized in Section 4 in order to obtain the optimal design with respect to support stiffness in the load bearing directions. In Section 5, the influence of the pull-in forces on the flexure bearing is analyzed. In Section 6, a prototype design is presented and experimental validations are provided in Section 7.
System description
In this paper the design of the actuated base joints with a single rotational degree of freedom for a fully flexure-based 6 hexapod is considered. The hexapod consists of six arms, each made up of one actuated revolute joint at the base and a spherical and universal joint connected to each other via two links. A concept drawing of the hexapod is provided in Fig. 1 . The hexapod design itself will be described in more detail in a future publication. Aim of the system is to pursue high positioning repeatability (< 100 nm) combined with a large workspace (100 × 100 × 100 mm) and high accelerations (> 5 g).
The design of the flexure-based universal and spherical joints for the hexapod is given by the serial stacked folded leafspring design presented by Naves et al. [27] . The universal and spherical joints are designed to allow for 25 degrees tip-tilt motion, which describes the rotation angle of the directional axis ( , schematically illustrated in Fig. 2 ). Rotation around the directional axis for the spherical joint is given by pan motion ( ), which is limited to 10 degrees of rotation.
Requirements
Given the dimensions of the hexapod, the desired workspace and the range of motion of the spherical joints, a bi-directional range of motion of approximately 30 degrees is required for the actuated revolute base joints. Additionally, in order to allow for accelerations of the endeffector exceeding 5 g, to counteract gravity and to elastically deflect all joints, the required torque is specified at 40 Nm. To enable the targeted repeatability, the required rotational repeatability of the actuators is set at <1 μrad.
Actuator selection
No suitable iron-less actuator is found to provide the required torque with an acceptable size or envelope. Therefore, we select an actuator with iron core, and settle for Tecnotion's direct drive iron-core torque motor (QTR-A-133-60) with an outer diameter of 133 mm [28] , which allows for a continuous torque of 21.9 Nm and an ultimate torque of 55.5 Nm, 1 meeting the torque requirement.
The negative radial stiffness induced by the magnetic forces between the iron core and permanent magnets (pull-in) is approximately 350 N/mm and near constant over the range of the air gap (1 mm) between the rotor and the stator [29] . Furthermore, due to the moving magnet configuration, the actuator features a stationary coil without cables connected to any moving part, eliminating parasitic forces on moving parts by bending of cables.
Parasitic motion of revolute flexure joints
For commonly-used flexure joints for a single rotational degree of freedom, such as the cross-spring pivot consisting of two (or more) separate leafsprings [9, 26] , motion of the shuttle (in this case attached to the rotor) can be approximated by a circular motion around a fixed axis of rotation. However, for larger deflection angles, the motion path of the shuttle deviates significantly from this circular path as a consequence of the non-linear nature of the elastic deformations of the flexures. That deviation results in parasitic motion of the rotor which can easily exceed the required alignment tolerance of <1 mm between the rotor and the stator for the selected actuator. When also taking into account the negative stiffness induced by the permanent magnets and the reaction forces induced by accelerations, additional deformations will cause further deviation from its ideal circular trajectory resulting in additional parasitic motion.
In the next section, the motion characteristics of the cross-spring pivot [26] , the cartwheel hinge [8, 30] and the butterfly hinge [31] are compared for the purpose of selecting the optimal joint type. The effect of the negative radial stiffness and reaction forces are disregarded in order to allow for an analytical comparison between the hinge designs. The motion characteristics are compared in terms of their parasitic motion, which is defined as their deviation with respect to the ideal circular motion profile. The properties of the hinge designs including pull-in forces of the rotor is analyzed in more detail in Section 5.
Parasitic motion of the cross-spring pivot
For the traditional cross-spring pivot consisting of two (or more) individual leafsprings crossing at half their length, the dominant parasitic motion is in -direction and provided by [32] = 12 cos( ) 2 (1)
with the length of the flexures, the rotation angle of the shuttle and the relative angle between the leafsprings (schematically illustrated in Fig. 3 ). For a typical value of = 45 • and a maximum deflection angle of = 30 • , the resulting parasitic motion is approximately ∕31. As the maximum allowed parasitic motion is dictated by the design of the actuator, this implies a limit on the allowed length of the flexures to prevent contact between the rotor and stator. Therefore, ensuring a parasitic motion well below 1 mm requires short flexures. Consequently, the flexures also need to be thin to respect the stress limit for the flexures.
The parasitic motion of the cross-spring pivot can be greatly reduced by choosing = 1∕2 ± √ 5∕6, with providing the relative location at which the flexures cross. For this specific value of , the second order contribution to the parasitic motion in -direction is eliminated and the dominant contribution to the parasitic motion is now given by the smaller motion in -direction instead, which is provided by [33] = cot 2 ( ) 141 cos( ) 3 (2) For = 45 • and = 30 • , this results in a parasitic motion of approximately 695 , which provides a reduction of more than a factor of 20 compared to the traditional cross-spring pivot with = 1∕2 with the same dimensions. This strongly reduced parasitic motion does allow for longer flexures. However, the asymmetry also results in one flexure part to be short (approximately 0.127 ), causing the bending stress due to deflection to be high, which in turn requires the thickness of the flexures to be small. Furthermore, it has to be noted that the magnitude of the parasitic motion for this hinge design is more sensitive to deviations in the value of . For example, the shift in -direction is provided by = −70 9 2 − 9 + 1 1050 cos( ) 2
for which the derivative with respect to is given by 
which is significant with respect to the obtained parasitic motion from Eq. (2) for already small values of . Therefore, this hinge design would require narrow alignment and manufacturing tolerances in order to actually realize this small magnitude for the parasitic motion. 
The cartwheel hinge
An alternative flexure-based design for a single rotational degree of freedom is provided by the cartwheel hinge, schematically illustrated in Fig. 4 , which consists of two leafsprings intersecting at half their length. To evaluate the characteristics of the cartwheel hinge, the results from the earlier section can be used by considering the cartwheel hinge as a stacked arrangement of two cross-spring pivots with = 1 and = 0. To obtain a similar footprint for the cross-spring pivot and the cartwheel hinge for a specific value of , the flexure length of each flexure in the cartwheel hinge is given length ∕2, schematically illustrated in Fig. 4 . The resulting parasitic motion is then given by [34] = 63 cos( ) 2 (6) This effectively results in a parasitic motion of ∕162 for = 45 • and = 30 • . Compared to the cross-spring pivot, this hinge suffers from an intermediate level of parasitic motion, inbetween the standard crossspring pivot with = 1∕2 and the cross-spring pivot with minimal parasitic motion given = 1∕2 ± √ 5∕6.
The butterfly hinge
A third design for a cross-hinge, which is known for its small parasitic motion due to the smart compounding of leafsprings, is provided by the butterfly hinge design. This hinge effectively consists of a stacked arrangement of four cross-spring pivots with coinciding rotation axes, schematically illustrated in Fig. 5 . For this joint, parasitic motion of the first and fourth cross-spring pivot in the stacked arrangement is compensated for by opposed parasitic motion of the second and third cross-spring pivot. Therefore, parasitic motion is reduced resulting in [33] = ( 1 cos( 2 ) − 1 cos( 1 ) ) 9 2 − 9 + 1 240 2
with > 1 in order to prevent interference between the individual cross-spring pivots in the stacked arrangement and with 1 and 2 providing the angle between the inner and outer set of flexures as indicated in Fig. 5 . Considering a realistic value of = 1.1 combined with feasible values of 1 and 2 which allow for 30 • deflection without interference between the flexures, for example 1 = 35 • and 2 = 55 • , the resulting parasitic motion is ∕682.
Numerical optimization
In order to select the most suitable hinge topology for the bearing suspension, the design of the cross-spring pivot, cartwheel hinge and butterfly hinge are optimized numerically. 
Optimization procedure
For the optimization procedure, an adapted Nelder-Mead based shape optimization algorithm [35] is used to optimize the length ( ) and thickness ( ) of the flexures to obtain maximum radial off-axis support stiffness. To obtain similar stiffness values in all radial directions, a value of = 45 • is selected for the cross-spring pivot and the cartwheel hinge ( = 45 • can be considered optimal when maximizing the critical off-axis stiffness). For the butterfly hinge, 1 = 35 • and 2 = 55 • is selected, which is chosen as close to 45 • as possible while still allowing for 30 • deflection in each direction.
Furthermore, the minimum allowed flexure thickness is set at 0.2 mm, which is considered the minimum flexure thickness which can be manufactured (with sufficient accuracy) by wire EDM, which is the selected manufacturing method for the flexures. The length of the flexures ( ) is limited according to the provided equations in Section 3 in order to assure parasitic motion below 1 mm. Note that for the actual system a parasitic motion well below 1 mm is required in order to allow for additional deflection due to the reaction forces involved. However, for an initial comparison between the joints, we accept a parasitic motion up to 1 mm which provides maximum ''design'' freedom in the optimization procedure, resulting in the ''best-case'' off-axis support stiffness we can obtain with each of the flexure joints, which will be used for comparison.
For the optimization procedure, the performance is evaluated over the entire range of motion with the flexible multi-body software SPACAR [36] which uses a series of interconnected nonlinear 3D finite beam elements which include the geometric non-linearities to capture the relevant behavior of the flexures. The objective of the optimization is to maximize the radial support stiffness in the most compliant direction ( ) over the range of motion of 60 • (−30 • to +30 • ) with the goal to obtain sufficient resistance to pull-in and reaction forces. As material, tooling steel (Stavax) is selected where we limit the allowable stress to 600 MPa, which is about 40% of the yield stress of the material. Furthermore, the maximum width of the hinges is limited to 100 mm measured in the direction of the rotation axis.
Optimization results
An overview of the optimization results is presented in Table 1 , with each design just within the allowed stress limit of 600 MPa at their maximum deflection angle. From the results it can be confirmed that the cross-spring pivot with = 0.5 requires short flexures in order to ensure parasitic motion below 1 mm, limiting the flexure length to 31 mm. Furthermore, this cross-spring pivot provides the highest level of support stiffness at the maximum deflection angle of 1492 N/mm. In contrast, the cross-spring pivot with = 1∕2 ± √ 5∕6 features a much smaller parasitic motion of only 0.09 mm, although it comes at the expense of a strongly reduced support stiffness (64 N/mm). Taking into account the negative stiffness induced by the rotor (−350 N/mm), the obtained support stiffness is insufficient. The relatively low support stiffness can be related to its asymmetric design, resulting in high stress concentrations that require long and slender flexures to keep stress below 600 MPa.
The parasitic motion of the cartwheel flexure hinge is comparable with the cross-spring pivot with = 1∕2 while providing slightly less support stiffness (869 N/mm). At last, the butterfly hinge features a small magnitude for the parasitic motion combined with a relatively high support stiffness of 1283 N/mm.
Influence of negative rotor stiffness
The numerically evaluated values for stiffness and parasitic motion discussed in the previous section do not take into account the additional pull-in forces due to parasitic motion of the rotor caused by the magnets. These magnetic forces are not included in the optimization procedure as it could result in buckling of the flexures during the static analysis of the flexure joints, which would result in problems with respect to convergence in numerical simulations due to its strongly non-linear behavior and possibly absence of a static equilibrium. Consequently, this lack of convergence would result in a great increase in the required computational effort for the optimization of the flexure joints.
To overcome this, the influence of these forces are excluded in the optimization procedure and analyzed separately in this section. The cross-spring pivot with = 1∕2± √ 5∕6 is not considered as the inherent support stiffness of this joint (64 N/mm at the maximum deflection angle) is already insufficient to counteract for the negative stiffness induced by the magnetic forces (−350 N/mm).
To model the influence of the magnetic forces, a spring with negative stiffness is modeled between the shuttle of each flexure joint (the rotor) and the fixed world which captures the static load caused by the combination of negative stiffness and parasitic motion of the rotor. The spring is located at the initial location of the rotation axis of the flexure hinge, considering perfect initial alignment between the rotor and the stator (meaning zero reaction forces at = 0 • ).
Simulation results including negative rotor stiffness
For reference, the support stiffness without considering the negative rotor stiffness is provided in Fig. 6 . Furthermore, the stiffness values and maximum Von Mises stress in the flexures including the negative rotor stiffness and the resulting reaction forces are provided in Figs. 7 and 8. From the results it can be observed that the reaction forces caused by the negative stiffness have a large influence in the observed offaxis stiffness and maximum stress in the flexures, especially when considering larger deflection angles. For the cartwheel flexure hinge, the reaction forces caused by parasitic motion (which is in the negative -direction) result in large compressive loads in the flexures causing load softening [24, 37] . Due to these forces, the flexures start to buckle at a deflection angle of ≈ 25 • at which the off-axis support stiffness deteriorates rapidly, resulting in insufficient stiffness to counteract the magnetic forces. Furthermore, the reaction forces result in a slight decrease in maximum stress due to the changed stress-distribution in the flexures. More specifically, the maximum stress in a cartwheel hinge without load in the load bearing directions occurs at the intersection of the individual flexures (at the center of the joint). However, when the flexures are subjected to compressive loads, stress in the center of the joint decreases resulting in a reduced stress maximum, although stress increases at other locations in the flexures.
In contrast to the cartwheel hinge, parasitic motion of the crossspring pivot is oriented in the positive -direction, resulting in large tensile loads in the flexures. Due to the tensile loads, stress stiffening is observed resulting in an increase in off-axis support stiffness for the cross-spring pivot. Despite the increase in support stiffness in the crossspring pivot, the high tensile load also results in an increased curvature of the flexures near the clamped ends. Therefore, stress is strongly increased (Fig. 8 ) up to almost 1200 MPa at the maximum deflection angle, which is an increase of about a factor of two.
For the butterfly hinge, support stiffness and the maximum stress in the flexures remains mostly unaffected by the additional reaction forces. Due to the small magnitude of the parasitic motion, the reaction forces are relatively small. Therefore, no excessive tensile or compressive loads occur in the flexures which would otherwise jeopardize its performance.
Overall, it can be concluded that the butterfly hinge is most suited for the rotor suspension, featuring low parasitic motion and high support stiffness in the off-axis directions. Furthermore, it is able to withstand the reaction forces induced by the rotor without suffering from a strong increase of stress in the flexures or a decrease of support stiffness due to compressive forces.
Load capacity
To further assess the performance of the butterfly hinge, the maximum load capacity of this joint is evaluated. This ultimate load capacity is defined as the load at which the parasitic deflection exceeds 1 mm (at the maximum deflection angle of 30 degrees), which results in contact between the rotor and the stator.
The maximum load capacity of the butterfly hinge is determined iteratively by gradually increasing load in the critical off-axis direction. Due to the magnetic pull-in forces in the direction of the parasitic motion, the off-axis stiffness in this direction is strongly reduced. Therefore, the critical most compliant off-axis direction is given by the direction of parasitic motion, which is in the vertical -direction given by Eq. (7) . Simulation results including this additional load is provided are Fig. 9 , which take into account the negative rotor stiffness and contact between the rotor and stator. This simulation is conducted at a deflection angle of 30 degrees, providing the magnitude of the parasitic motion (normal font ) and the support stiffness (bold font ) as a function of the applied load.
From these results it can be concluded that the support stiffness decreases with increasing load, resulting in a support stiffness of about 100 N/mm at the maximum payload of 400 N (including the negative stiffness of −350 N/mm), resulting in contact between the rotor and the stator. It has to be noted that the stress in the flexures increases only slightly over a rather large displacement range of the rotor due to the decrement in support stiffness (the flexures are close to buckling), resulting in an increase of only 200 MPa when contact between the stator and rotor occurs. Therefore, excessive loads are rerouted through the frame parts without excessive stress levels exceeding the yield stress. This relieves the flexures and makes the system robust to extreme loading conditions. The 400 N of maximum load capacity provides a worst-case capacity at the maximum deflection angle. For smaller deflection angles, a load >400 N is allowed. 
Detailed design
Based on the optimization results, a prototype of the flexible actuator suspension for the selected torque motor is constructed by using the butterfly hinge design. The butterfly hinge is supplemented by a ''slaving mechanism'', which is a flexure-based guidance for constraining the otherwise underconstrained intermediate body halfway the butterfly hinge [38] . The purpose of this slaving mechanism is to prevent low frequent vibrations of the large intermediate body halfway the butterfly hinge, which is unwanted for dynamics and control purposes. Note this guidance only provides significant stiffness in the underconstrained degree of freedom of the butterfly hinge and does not affect the off-axis support stiffness.
First, the detailed design of the actuator suspension is discussed in Section 6.1. Secondly, the controller design is discussed in Section 6.2.
Actuator suspension design
A photograph and a design drawing with exploded view of the designed prototype is provided in Figs. 10 and 11 , which shows the suspension for two actuators with parallel rotation axes (rotor and flexure bearing only present for the actuator on the left-hand side). In the design, a butterfly hinge (1) with a width of 50 mm and slaving mechanism (2) are placed on each side of an aluminum rotor hub (3) which carries the permanent magnets of the rotor (4). By placing two butterfly hinges at each side of the rotor, high stiffness in both the translational and rotational load carrying directions are provided. The central ''large'' intermediate bodies which are constrained by the slaving mechanisms are interconnected with an aluminum body (5). This body is placed inside the rotor hub and provides a stiff connection between the intermediate slaved bodies. Furthermore, the rotation of the rotor is measured by a linear optical encoder (6) (Heidenhain's LIC 4119 with a 1 nm measuring step), placed at a radius of 75 mm (resulting in a resolution of 13 nrad) which is able to maintain focus over the entire range of motion taking into account the parasitic motion of the rotor.
To reduce parasitic motion of the butterfly hinge and to reduce the stress in the flexures, the design of the butterfly hinge has been modified by splitting the large intermediate body in half, schematically illustrated in Fig. 12 . Hereby, the flexures can be placed more closely to the instant center of rotation, reducing the values of , allowing for = 1.1 which would not be possible otherwise. The two separate parts of the split intermediate body are connected to each other by means of a ''rigid'' part of the slaving mechanism, illustrated in Fig. 11 .
In order to prevent excessive rotations, a mechanical stop (7) and optical switch (8) near the end of the range of motion are added to the rotor. The actuator's stator (9) , which is the stationary part of the actuator containing the coils, is fixed inside an aluminum frame (10) . This frame holds the stator and improves the thermal dissipation for the current conducting coil. Furthermore, the housing is equipped with cooling channels (11) to provide active cooling to the stator for high load applications.
As two butterfly hinges at each side of the rotor are used for supporting the actuator, the system is overconstrained which could result in excessive stress, increased stiffness in the degree of freedom or even decreased stiffness in the support directions. Therefore, care is taken for the positioning of the two individual butterfly hinges ensuring good alignment between them. In particular the location of the rotation axis of both butterfly hinges requires proper alignment, which is ensured by using dowel pins for both hinges.
Furthermore, it has to be noted that insertion of the rotor during assembly requires special attention in order to provide resistance to the negative radial stiffness and to ensure good alignment between the stator and rotor. For this purpose, a linear guidance and a spacer for filling the air gap between the rotor and stator is used, which is removed after assembly.
Controller design
The absence of static friction allows accurate positioning, because no limit cycling will occur when using integral control action. On the other hand, the absence of self-locking friction makes the rotor position sensitive to disturbances and the combination with the rotational stiffness requires the controller to be active even after the target position is reached. The main source of disturbance is found to be the noise on the current introduced by the motor driver used to power the actuator, which is approximately white noise. Therefore, the transfer from the current noise to the position error (the input sensitivity) is minimized by H2 feedback control design [39] . The mechanics model for the control design is obtained from identification (see also Fig. 13 ). The H 2 feedback control design is formulated as a mixed sensitivity control problem with the addition of a small scalar weight times the noise sensitivity. The small scalar makes the effect of the noise sensitivity negligible, such that the limit in minimizing the input sensitivity is imposed by the communication delays between the real-time system and the motor driver. Tracking will be improved by model-based feedforward of dynamic forces, which can be predicted accurately due to the deterministic behavior of the mechanics. 
Experimental validation

Parasitic motion
To confirm the small magnitude of parasitic motion for the butterfly hinge, the encoder (Fig. 11, part number 7) is replaced by a capacitive displacement sensor (Lion Precision C6, range: 500 μm, accuracy: < 0.1 μm) mounted perpendicular to the cylindrical rotor surface of the sensor strip. The displacement sensor is positioned at this location as the axis drift is maximum in the direction perpendicular to the symmetry axis of the butterfly hinge (the -direction as indicated in Fig. 5) , which is at the location of the encoder. Furthermore, the part of the rotor to which the sensor strip is attached is the only cylindrical surface that is accessible over the full range of motion of 60 degrees of rotation.
Measuring the relative displacement of the rotor over the range of motion includes the combined effect of the parasitic motion of the butterfly hinges (simulated value: 0.1 mm), lateral displacement caused by misalignment of the rotor with respect to the rotation axis of the butterfly hinges (eccentricity) and displacement caused by the limited circularity of the reference surface due to manufacturing tolerances. In order to minimize the eccentricity, the butterfly hinges are positioned by dowel pins with a positioning tolerance <20 μm. Combined with the bi-directional range of motion of 30 degrees, the lateral displacement caused by eccentricity is <2 μm. Furthermore, the reference surface used for the displacement sensor is manufactured by CNC milling within a tolerance of approximately 10 μm. Overall, the combined effect of eccentricity and manufacturing tolerances is estimated at <12 μm, which is about 10% of the expected axis drift caused by the deflection of the butterfly hinges.
The total measured displacement of the rotor with respect to its neutral position is −0.09 mm at −30 • rotation and 0.11 mm at +30 • rotation. Taking into account deviations caused by eccentricity and manufacturing tolerances, the magnitude of the parasitic displacement is in line with the simulated values and confirm the ability of the butterfly hinges to maintain the position of the rotation axis in the center of the rotor, including the magnetic forces induced by the rotor.
It has to be noted that the measured (and simulated) values for the parasitic motion are highly repeatable and do not affect the repeatability of the overall system.
Support stiffness
To validate the support stiffness of the rotor suspension, the frequency of the first parasitic vibration mode of the end-effector is evaluated, which is directly related to the (critical) radial support stiffness. This parasitic vibration mode consists of a translational radial motion approximately parallel to the encoder head on the rotor-hub, which can be detected by the encoder. To determine the stiffness, the frequency response from actuator current to rotation of the rotor is evaluated, which is provided in Fig. 13 . This frequency response is evaluated close to the maximum deflection angle while still allowing for sufficient range of motion for a sweep signal on the input current. From this data, the first (damped) eigenfrequency in the degree of freedom of the system can be observed at about 5 Hz. At 98 Hz, the first parasitic eigenfrequency can be observed which can be related to the off-axis support stiffness of the system. In combination with the 3.0 kg mass of the end-effector, consisting of the rotor, rotorhub and a part of the butterfly hinges, this provides a radial support stiffness of approximately 1138 N/mm. This is in good agreement with simulations and confirms the intended high radial stiffness of the butterfly hinges (simulated value ≈ 1400 N/mm at = 25 • , Fig. 7 ). The slightly lower stiffness values in the measurement can be related to additional compliance of the frame parts, which are disregarded in the simulations.
Load capacity
To validate the load capacity, an additional off-centered mass (solid block of aluminum) is attached to the rotor of which the inertia is equivalent to the load in the considered application. This increase of load results in a total inertia of 0.066 kgm 2 with respect to the rotation axis and a mass of 4.4 kg with the center of mass located at 65 mm from the axis of rotation.
The load capacity is validated by accelerating the mass up to 400 rad/s 2 , resulting in reaction forces of approximately 115 N in the radial direction, which is of comparable magnitude as the expected reaction forces in the hexapod application. The measured position and acceleration is presented in Fig. 14. Visual inspection of the rotor suspension during the tests show no failure or parasitic deformations which indicate that the actuator suspension is able to withstand the high reaction forces involved. Furthermore, the system has been disassembled and inspected after experiments, showing no signs of damage or contact between the rotor and stator.
Repeatability
As the system is free of play and friction (and therefore free of selflocking and limit cycling), the repeatability of the system is directly determined by the stand-still performance of the system. To test the repeatability, the rotor is moved to a setpoint while the positioning error is tracked. For the presented case, the rotor is moved from = −22.5 • to = −2.5 • in 0.2 s. The resulting error for a single movement is provided in Fig. 15 where motion starts at = 0 s. Furthermore, a more detailed view of the position of the rotor between = 2 and = 2.5 s is provided in Fig. 16 . From the results it can be observed that the position of the rotor has converged to the target position in about 0.5 s, after which it fluctuates around the target position with an average error of 1.1 μrad RMS. These fluctuations in the position are caused by current fluctuations (current ripple) from the motor driver (±5 mA RMS noise), resulting in deviations in the generated torque (motor constant 5.57 Nm/A). As stated earlier, due to the absence of friction, no stick-slip behavior is present in the flexure-based bearing suspension resulting in no mechanical resistance to small current (torque) variations. Therefore, small fluctuations in the provided current directly causes positioning errors of the rotor producing a vibrating motion around the reference position. The driver can be identified as the source of this error as these fluctuations are only present when the motor driver is active.
Discussion
With the tested system a repeatability of 1.1 μrad RMS is obtained which is limited by the electronics. In order to reduce positioning errors, several solutions are suggested.
The most straight-forward solution is obtained by reducing the magnitude of the current noise caused by the motor driver. The currently used motor driver has a typical noise level for well-designed commercial motor drivers. Further reducing the output noise would require a dedicated motor driver design, which is costly (especially) considering the high power requirements for the considered actuator. Alternatively, instead of reducing the current noise levels, the sensitivity of the rotor position with respect to current deviations can be reduced. This can be achieved by increasing the total inertia of the system or by reducing the motor constant of the actuator (i.e. selecting a different actuator). However, both solutions reduce the maximum acceleration of the system, with the ratio between maximum acceleration and sensitivity with respect to current noise unchanged.
This ratio can be improved by increasing inertia by means of a counter-mass to balance the weight of the lower arm attached to the rotor (the lower arm in the hexapod application, Fig. 1 ). As the counter-mass compensates for torque required to counteract gravity, less torque is required to maintain a stationary position preserving more torque for accelerating. Furthermore, it results in a more favorable equilibrium position at approximately 0 • rotation of the rotor (instead of the equilibrium position beyond −30 • , touching the mechanical end stop). At last, balancing results in a location of the center of mass closer to the axis of rotation of the rotor, reducing the radial reaction forces involved with high accelerations.
For the considered hexapod, fully balancing the static forces (exactly balanced at its neutral position) is feasible by adding a 2.5 kg counterweight to the rotor. This counterweight would result in approximately twice the effective inertia observed at the actuator, halving the positioning error below 0.6 μrad RMS.
Conclusion
A high performance flexure-based suspension for an iron core direct drive torque motor with high radial support stiffness and high load capacity has been designed. The system allows for a 60 degrees range of motion combined with an ultimate torque of 55 Nm and features high repeatability. The repeatability is measured at 1.1 μrad RMS positioning error with a load of 0.066 kgm 2 , at present limited by electronics.
For the actuator suspension, a butterfly hinge has been optimized, resulting in only 0.1 mm parasitic radial displacement over the range of motion, which limits pull-in forces typical for iron core actuators. The radial support stiffness exceeds 1000 N/mm with a radial load capacity of 400 N at the maximum deflection angle. This provides adequate support stiffness to compensate for the magnetic reaction forces induced by the iron core of the actuator. Furthermore, due to the design of the actuator with a 1 mm air gap between the rotor and stator, the flexures are inherently protected from excessive radial loads by rerouting excessive force through the frame parts, relieving the flexures.
Experimental validations confirm the high support stiffness, load capacity and robustness and prove the applicability of a flexure-based suspension for high torque iron core actuators.
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